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Abstract
Air-cooled chillers traditionally operate under head pressure control via staging constantspeed condenser fans. This causes a signiﬁcant drop in their coeﬃcient of performance (COP)
at part load or low outdoor temperatures. This paper describes how the COP of these chillers
can be improved by a new condenser design, using evaporative pre-coolers and variable-speed
fans. A thermodynamic model for an air-cooled screw-chiller was developed, within which the
condenser component considers empirical equations showing the eﬀectiveness of an evaporative pre-cooler in lowering the outdoor temperature in the heat-rejection process. The condenser component also contains an algorithm to determine the number and speed of the
condenser fans staged at any given set point of condensing temperature. It is found that the
chillerÕs COP can be maximized by adjusting the set point based on any given chiller load
and wet-bulb temperature of the outdoor air. A 5.6–113.4% increase in chiller COP can be
achieved from the new condenser design and condenser fan operation. This provides important insights into how to develop more energy-eﬃcient air-cooled chillers.
Ó 2005 Elsevier Ltd. All rights reserved.
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Nomenclature
Symbols
Aec
face area of evaporative pre-cooler (m2)
AU
overall heat transfer coeﬃcient (kW °C1)
COP
coeﬃcient of performance of chiller
CR
compression ratio
Cpa
speciﬁc heat-capacity of air (1.02 kJ kg1 °C1)
Cprg
speciﬁc heat-capacity of vapour refrigerant of evaporator (kJ kg1
°C1)
Cprl
speciﬁc heat-capacity of liquid refrigerant of condenser (kJ kg1 °C1)
Cpw
speciﬁc heat-capacity of water (4.19 kJ kg1 °C1)
E
power input (kW)
Ecf,ea rated power of one condenser fan (kW)
hi
speciﬁc enthalpy of refrigerant at state ‘‘i’’ (kJ kg1) (state 1: compressor suction; state 2: compressor discharge; state 3: condenser discharge
or expansion-valve inlet; state 4: expansion-valve outlet or evaporator
suction)
Kex
characteristic constant of expansion valve
LMTD log mean temperature-diﬀerence (°C)
mr
refrigerantÕs mass-ﬂow per compressor (kg s1)
mw
mass-ﬂow rate of chilled water (kg s1)
Ncc
number of staged compressors
Ncf
number of staged condenser fans
ni
index of reversible polytropic expansion
P
saturated-refrigerant pressure of the refrigeration circuit (absolute kPa)
PLR
chiller part-load ratio (given by Qcl/Qcr)
Qcd
heat rejection (kW)
Qcl
cooling-capacity (kW)
Qcr
nominal cooling-capacity (kW)
qrf
refrigeration eﬀect (kJ kg1)
qsw
water sprinkling density of evaporative pre-cooler (kg m2 s1)
Rcf
rotating speed of staged condenser-fans (rps)
Rcfr
full speed of condenser fans (15.8 rps)
T
temperature of saturated refrigerant within the refrigeration circuit (°C)
Tcdae temperature of air entering the condenser or outdoor temperature (°C)
Tcdal
temperature of air leaving the condenser (°C)
Tcdsc
degree of subcooling (°C)
Tcdsp set point condensing temperature (°C)
Tchwr temperature of return chilled-water (°C)
Tchws temperature of supply chilled-water (°C)
Tevsh
degree of superheat (°C)
Ti
dry-bulb temperature of air at pre-cooler inlet (°C)
Ti,w
wet-bulb temperature of air at pre-cooler inlet (°C)
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To
Va
Var
Vvd
va
vr
v01
win
DEcf
DPec
DPex
gcc
gec
gisen
gv
qa
qex
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temperature of air at pre-cooler outlet (°C)
airﬂow provided by staged condenser fans (m3 s1)
rated airﬂow of a variable-speed condenser fan (23.6 m3 s1)
volumetric displacement of each compressor (m3 s1)
face velocity of air through evaporative pre-cooler (m s1)
speciﬁc volume of refrigerant at compressor suction (m3 kg1)
speciﬁc volume of saturated vapour refrigerant at evaporator (m3 kg1)
isentropic work input to compressor (kJ kg1)
increase in condenser fan power due to evaporative pre-cooler (kW)
pressure drop across evaporative pre-cooler (kPa)
pressure drop across expansion valve (kPa)
combined motor and transmission eﬃciency
eﬀectiveness of evaporative pre-cooler
isentropic eﬃciency
volumetric eﬃciency
air density (1.2 kg m3)
density of liquid refrigerant before expansion (kg m3)

Subscripts
cc
compressor
cd
condenser
cf
condenser fan
ec
evaporative pre-cooler
ev
evaporator
ex
expansion valve
max
maximum
op
optimum
tot
total

1. Introduction
Air-cooled chillers are widely used to provide cooling energy for commercial and
industrial premises but with considerable electricity consumption [1–5]. They traditionally operate under head-pressure control (HPC) via staging constant-speed condenser fans step-by-step. The use of HPC is due to a convention that thermostatic
expansion-valves need a high diﬀerential between the evaporating and condensing
pressures for proper control of the refrigerant ﬂow. In this situation, the condensing
temperature will be controlled at above 30 °C at an evaporating temperature of 5 °C.
The use of electronic expansion-valves, on the other hand, enables the condensing
temperature to drop to as low as 10 °C if there is no problem of compressor lubrication [6,7].
Under HPC, the number of staged condenser-fans is kept minimal. This enables
the condensing temperature to hover around a ﬁxed set-point of 45 °C, irrespective
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of outdoor temperatures. HPC can bring about fan-power saving, but is ineﬀective in
reducing compressor power when the outdoor temperature drops from a design level
of 35 °C. Under HPC, the COP (deﬁned as cooling capacity in kW over chiller power
in kW) of air-cooled chillers can drop from 3.1 at full load to 1.2–2.5 at part load for
outdoor temperatures ranging from 15 to 35 °C [7].
One pragmatic approach to improving the chiller COP is to lower the condensing
temperature to a level that enables the trade-oﬀ between compressor power and condenser fan power to be optimized. Using evaporative pre-coolers to enhance the
COP of air-cooled chillers is not common, even though the concept is not new.
The pre-coolers, when installed in front of air-cooled condensers, can pre-cool outdoor air before entering the condensers while consuming less than 15% of the cooling
water required by cooling towers and evaporative condensers [8,9]. For an evaporative pre-cooler, hot air ﬂows across a porous wetted surface with a ﬁlm of cool water.
That air absorbs and evaporates moisture on the surface when leaving the pre-cooler,
and then its dry-bulb temperature drops and approaches its wet-bulb temperature.
The pre-coolers enable the condensing temperature to drop in response to a reduction in outdoor temperature. However, the pressure drop across the pre-coolers incurs additional fan power.
The potential and beneﬁts of using evaporative pre-coolers hinge on the extent to
which the condensing temperature can drop and whether the decrease in compressor
power due to this drop can outweigh the additional fan power. Zhang et al. [8] have
indicated that the use of evaporative pre-coolers can bring about a 14.7% increase in
the COP of air-cooled chillers working in a hot and dry environment. The pre-coolers are expected to have a high eﬀectiveness when cooling outdoor air in a hot and
dry climate, but they can function properly even when the climate is hot and humid
[9]. Yet there is a lack of research into how to reap the beneﬁts of using evaporative
pre-coolers when air-cooled chillers operate in the subtropical climate.
Variable-speed control is increasingly used for chiller compressors to save power
when chillers are operating at part load [10–13]. The power saving comes from the improved eﬃciency of the motors when operating at a lower speed under part-load conditions. However, there is limited evidence to support such control for condenser fans
in air-cooled chillers with a nominal cooling capacity of 700–1400 kW. This is probably due to a perception that the use of variable-speed condenser fans has an insignificant eﬀect on the saving of chiller power because the nominal condenser-fan power
accounts for less than one-tenth of the nominal compressor power. Furthermore,
fan power can be saved by turning oﬀ unnecessary constant-speed fans in steps under
the existing condenser design. Yet the step-by-step variation in heat-rejection airﬂow
is inappropriate to control the condensing temperature at its set point [6,7]. It is desirable to continuously modulate the heat-rejection airﬂow via variable-speed fans in order to investigate the trade-oﬀ between compressor power and condenser fan power.
Computer simulation is a workable technique to understand the operating characteristics of chillers and to investigate how their COP can be optimized. Many chiller
models have been developed using various principles and approaches [14–21]. Among
various kinds of chiller models, thermodynamic models are a preferred method to
study the steady-state behaviour of a chillerÕs COP. At present, very few models apply
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speciﬁcally to air-cooled chillers, and even fewer pertain to air-cooled screw-chillers
which become popular in a new installation or retroﬁt of chiller plants.
To identify the operating variables of chillers with some realism, mechanistic relations between chiller components should be taken into account. The mass balance of
refrigerant and energy balances at the evaporator, compressors, expansion valve and
condenser have to be satisﬁed. With regard to the simulation of air-cooled chillers, it is
essential to determine the number and speed of condenser fans required to control the
condensing temperature at its set point, while meeting the desired airﬂow for any given
heat rejection. Taking all these factors into account, Chan and Yu [6] have developed a
thermodynamic model for an air-cooled reciprocating chiller, which considers the real
process phenomena, including the capacity control of compressors and variations in
the overall heat-transfer coeﬃcients of an evaporator and a condenser at part load.
They have also introduced an algorithm to compute the number of staged condenser
fans based on a set point condensing-temperature. Chan and YuÕs model will form an
adequate basis for studying the potential improvements in the chillerÕs COP when an
alternative design for air-cooled condensers is considered.
The aim of this paper is to describe how the COP of air-cooled chillers can be improved by a new condenser design using evaporative pre-coolers and variable speed
fans. Using the simulation program TRNSYS [22], a thermodynamic model for an
air-cooled screw-chiller was developed and used to study the steady-state behaviour
of the chillerÕs COP under various operating conditions when the design parameters
of the condenser change. The model was validated using the performance data in
chiller speciﬁcations and a wide range of operating data from a ﬁeld chiller working
under HPC. Within the chiller model, the condenser component contains the empirical equations of an evaporative pre-cooler given by Zhang et al. [8] in order to simulate the pre-coolerÕs eﬀectiveness in lowering the temperature of the outdoor air
before entering the condenser. In addition, the condenser component considers a
new arrangement for variable-speed condenser fans and an algorithm to compute
the number and speed of condenser fans staged to meet any given heat-rejection
based on a set-point condensing temperature. The simulation analysis reported here
attempts to ascertain the inadequacy of HPC and examine the feasibility of the new
condenser design for COP improvements. A new control strategy will be proposed
for the operation of variable-speed condenser fans in order to achieve maximum
COP under diﬀerent operating conditions. The interaction between the dryness of
the outdoor air and changes in the chillerÕs COP, due to the use of evaporative
pre-coolers, will be discussed.

2. Development of the chiller model
2.1. Conﬁguration and basic assumptions
The conﬁguration of the model chiller is based on a ﬁeld chiller serving an institutional complex for two years. The operating data of the chiller were monitored
year-round by a building-management system. The COP of the chiller at full load
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complied with the performance data in the chillerÕs speciﬁcations. The chiller used
the refrigerant R134a (tetraﬂuoroethane) and had a nominal cooling capacity of
1000 kW. The shell-and-tube liquid evaporator worked at a design evaporatingtemperature of 3 °C. The temperature of the supply chilled water was set at 7 °C with
a temperature rise of 5.5 °C at full load. The ﬂow of chilled water was maintained at
43.0 kg s1 in all operating conditions. The chiller comprised four refrigeration circuits in parallel and each circuit included one electronic expansion valve and one
twin-screw compressor. Each compressor provided three steps of capacity control
by adjusting the position of the sliding valve. The air-cooled condenser was designed
to control the condensing temperature at around 50 °C when the outdoor temperature was 35 °C. To implement HPC, heat rejection was regulated by staging ﬁve
groups of condenser fans and each group consisted of four constant-speed fans to
provide a constant ﬂow of 18.9 m3 s1.
With regard to the assumptions of the chiller model, there was no heat exchange
between the chiller and its surroundings. This means that heat rejection (Qcd) is the
sum of cooling capacity (Qcl) and compressor power (Ecc). Changes in the calculated
operating variables were independent of time and that means the chiller operated in
the steady state. Pressure losses in the refrigerant pipelines were disregarded. The
throttling of refrigerant at the expansion valve was assumed to be isenthalpic. The degree of subcooling (Tcdsc) and that of superheat (Tevsh) were assumed to be 8 and 3 °C,
respectively, in all operating conditions, given that their possible variations (Tcdsc: 1–6
°C; Tevsh: 4–8 °C) caused up to 0.16% of uncertainty of the chillerÕs COP only [6].
With regard to the uncertainty in the measurement of variables, the temperatures of
chilled water were measured by PT100 type temperature-sensors calibrated to an
uncertainty of ±0.15 °C at 0 °C and ±0.26 °C at 55 °C. The ﬂow of chilled water was
measured by a magnetic ﬂow-meter with an uncertainty of ±2% of actual ﬂow. A
power analyser with an uncertainty of ±1% of reading was used to determine the chiller
power. The root sum square error of the chillerÕs COP, due to all the uncertainties of the
individual variables, was 7.9–14.6% when the chiller operated at above half load.
The impact of the uncertainty of individual variables on the calculated COP was
identiﬁed. Table 1 shows how the measurement errors of input variables inﬂuenced
the calculated results for the chillerÕs COP when the chiller was operating at full load
and at the lowest part-load ratio of 0.083. A unit-bearing sensitivity coeﬃcient (output change over input change) was used to predict the possible uncertainty of the
chillerÕs COP. The percentage uncertainty of the chillerÕs COP due to each individual
input variable is generally lower than the percentage measurement error of that variable. The temperature of the return chilled-water (Tchwr) is the most inﬂuential variable, responsible for the highest uncertainty of the chillerÕs COP of 1.16%.
2.2. Methods of simulation
The chiller was modelled by using the simulation program TRNSYS [22]. TRNSYS is based on a modular approach to model chiller components, coded in the form
of FORTRAN subroutines. The chiller model was established by creating an input
ﬁle which linked component subroutines. The subroutine given by Bourdouxhe et al.
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Input variable

Base case

Perturbations

Input uncertainty

Sensitivity coeﬃcient

Uncertainty of chillerÕs COP

13.5
9
305.8
50

0.18
0.17
3.06
0.86

(1.4%)
(2.4%)
(1%)
(2%)

0.2100
0.1400
0.0114
0.0035

0.0378
0.0238
0.0350
0.0030

(1.156%)
(0.728%)
(1.069%)
(0.093%)

9.5
9
61.3
50

0.17
0.17
0.61
0.86

(2.3%)
(2.4%)
(1%)
(2%)

0.0600
0.0600
0.0447
0.0002

0.0102
0.0102
0.0272
0.0001

(0.312%)
(0.312%)
(0.833%)
(0.005%)

min.

max.

12.5
7
305.8
43.0

11.5
6
298.8
33

Part-load ratio of 0.083
7.5
Tchwr (°C)
Tchws (°C)
7
Ech (kW)
61.3
43.0
mw (kg s1)

6.5
6
30.4
33

Full load
Tchwr (°C)
Tchws (°C)
Ech (kW)
mw (kg s1)

F.W. Yu, K.T. Chan / Applied Energy 83 (2006) 628–648

Table 1
Uncertainty analysis of operating variables
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[23] was incorporated into the model to evaluate the thermodynamic properties of
the refrigerant R134a. Each operation condition comprised eight inputs: outdoor
temperature (Tcdae), the wet-bulb temperature of outdoor air (Ti,w), the chiller part
load ratio (PLR), chilled water-ﬂow (mw), the temperature of supply chilled water
(Tchws), the degree of subcooling (Tcdsc), the degree of superheat (Tevsh), and the
set-point condensing temperature (Tcdsp).
Given that Ti,w has no eﬀect on the overall heat-transfer coeﬃcient of an aircooled condenser alone, it is a compulsory input only when using an evaporative
pre-cooler. Tcdsp was used to determine the number and speed of the staged condenser fans in order to control the condensing temperature at its set point for any
given heat rejection. The outputs are operating variables within the evaporator, compressors, expansion valve and condenser. The chillerÕs COP is deﬁned as the cooling
capacity (Qcl) over chiller power (Ech). It should be noted that Ech is the sum of the
compressor power (Ecc) and condenserÕs fan-power (Ecf). All outputs were solved by
the following sets of algebraic equations through an iterative procedure.
2.2.1. Evaporator
The cooling capacity (Qcl) of an evaporator is expressed by the following
equations:
Qcl ¼ PLRQcr ;

ð1Þ

¼ mw C pw ðT chwr  T chws Þ;

ð2Þ

¼ mr;tot qrf ;
¼ AU ev LMTDev ;

ð3Þ
ð4Þ

where
qrf ¼ h1  h4 ;
1
AU ev ¼
.745 þ c ;
0
.
8
c1 mw þ c2 Q0
3
cl
ðT chwr  T ev Þ  ðT chws  T ev Þ
LMTDev ¼
.
T ev
lnðTT chwr
Þ
chws T ev

ð5Þ
ð6Þ
ð7Þ

The method of log mean temperature-diﬀerence (LMTD) was used to model the
evaporator and, in turn, to determine the evaporating temperature (Tev). The overall
heat-transfer coeﬃcient of the evaporator (AUev) is described by a simpliﬁed mechanistic relation in Eq. (6) [6], where c1, c2 and c3 are characteristic parameters to be
evaluated based on the performance data of the chiller. For a constant mw, AUev
could vary from 27.9 to 151.1 kW °C1, depending on the load conditions.
2.2.2. Compressors
The actual power input (Ecc) of the staged compressors is given by the following
equation:
win
Ecc ¼ mr;tot
;
ð8Þ
gisen gcc
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where
V vd gv
N cc ;
vr

ni  ni1
CR ni  1 ;
win ¼ P ev vr
ni  1
P cd
CR ¼
P ev
1
1
¼
 ð0.0007 þ 0.0002P ev ÞT evsh ;
vr v10
gv ¼ 0.925  0.009CR;

mr;tot ¼

gisen ¼

0.01ða1 T 2cd

þ a2 T cd þ

a3 T 2ev

þ a4 T ev þ

þ a6 T cd T ev þ a7 Qcr þ a8 Þ;

ð9Þ
ð10Þ
ð11Þ
ð12Þ
ð13Þ
a5 T 2cd T ev
ð14Þ

2

gcc ¼ 0.3 þ 0.567PLR þ 0.133PLR .

ð15Þ

The volumetric displacement (Vvd) of each constant-speed screw-compressor was
0.12 m3 s1 based on the performance data of the chiller at full load. The speciﬁc
volume of superheated refrigerant at the compressor suction (vr) was calculated by
Eq. (12), which was determined by plotting and ﬁtting the thermodynamic properties
of R134a. Volumetric eﬃciency (gv) was ascertained by plotting and ﬁtting the compressorsÕ performance data. Eqs. (14) and (15) were used to compute the isentropic
eﬃciency (gisen) and the combined motor and transmission eﬃciency (gcc) of the
screw compressors studied, based on SolatiÕs regression analysis [24]. The constant
coeﬃcients a1 to a8 of gisen are 0.0316958, 2.90112, 0.0296849, 1.45279,
0.000321176, 0.00683086, 0.0170575 and 16.5018, respectively. With Eqs. (8)–
(15), it is possible to assess how compressor power changes in response to diﬀerent
capacity control steps in terms of the PLR and variations in the evaporating temperature (Tev) and condensing temperature (Tcd).
The speciﬁc enthalpy of the superheated refrigerant at the compressorsÕ discharge
(h2) was solved by using Eq. (16). The speciﬁc enthalpy of the superheated refrigerant
at the compressor suction (h1) is given by Eq. (17). The determination of the refrigerant enthalpy at the condenser discharge (h3) is similar to that of h1:
win
;
ð16Þ
h2 ¼ h1 þ
gisen gcc
h1 ¼ h10 þ C prg T evsh ;
ð17Þ
h3 ¼ h30  C prl T cdsc .

ð18Þ

2.2.3. Expansion valve
The expansion valve was modelled as an isenthalpic process. The total mass-ﬂow
rate of the refrigerant (mr,tot) is given by Eq. (19), where Kex is a characteristic constant, qex is the density of the liquid refrigerant before expansion and DPex is the
pressure diﬀerence drop across the expansion valve
pﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ
mr;tot ¼ K ex qex DP ex .
ð19Þ
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2.2.4. Condenser
Heat rejection (Qcd) involves the energy and mass balance in the condenser and
is described by Eqs. (20)–(25). For the overall heat-transfer coeﬃcient of the condenser (AUcd) shown in Eq. (24), the terms with c4 and c5 account for the local
heat-transfer coeﬃcients of the air side and refrigerant side [6]. The characteristic
parameters c4 to c6 were determined using the performance data of the chiller. AUcd
can be used to describe how a variation in heat-rejection airﬂow (Va) inﬂuences the
control of the condensing temperature (Tcd) for any given chiller load. Tcd is correlated with the temperature of air entering the condenser (Tcdae) and that leaving
the condenser (Tcdal) by the log mean temperature-diﬀerence (LMTDcd) deﬁned in
Eq. (25)
Qcd ¼ Qcl þ Ecc ;

ð20Þ

¼ mr;tot ðh2  h3 Þ;

ð21Þ

¼ V a qa C pa ðT cdal  T cdae Þ;
¼ AU cd LMTDcd ;

ð22Þ
ð23Þ

where
AU cd ¼

1
.5 þ c m0.8 þ c ;
c4 V 0
5 r;tot
6
a

LMTDcd ¼

ðT cd  T cdae Þ  ðT cd  T cdal Þ


.
cdae
ln TT cdcdT
T cdal

ð24Þ
ð25Þ

2.2.5. Empirical equations of an evaporative pre-cooler
The following set of empirical equations developed by Zhang et al. [8] was used to
evaluate the eﬀectiveness of an evaporative pre-cooler and its pressure drop, and
hence to compute the increase in the condenserÕs fan power. The equations concern
a pre-cooler which makes use of corrugated perforated aluminium-foil to provide a
wetted surface for pre-cooling outdoor air.
The pre-cooler eﬀectiveness (gec) is deﬁned by Eq. (26) and can vary from 0.75 to
0.95. As Eq. (27) illustrates, the temperature of air at the pre-cooler outlet (To) is correlated with the face velocity of the air through the pre-cooler (va), the dry-bulb temperature of the air at the pre-cooler inlet (Ti), the wet-bulb temperature of the air at
the cooler inlet (Ti,w), and water sprinkling density (qsw), i.e. water ﬂow divided by
the cross-section area of sprinkling water. The two equations were developed
under the following conditions: va varied from 2 to 3 m s1; qsw changed from 0.5
to 1.2 kg m2 s1; (Ti  Ti,w)/Ti was between 0.15 and 0.45.
For maximum gec, qsw was set to be 1.2 kg m2 s1 in all operating conditions.
When the equations were incorporated into the condenser component of the chiller
model, To was equal to the temperature of air entering the condenser (Tcdae). Given
that the pre-coolerÕs airﬂow is the same as the heat-rejection airﬂow (Va), va varies
according to the staging of the condenser fans. Pump power for circulating sprinkling water is negligible compared with the increase in the condenserÕs fan-power
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(DEcf) shown in Eq. (28). DEcf is due to the pressure drop (DPec) across the pre-cooler, as given by Eq. (29).
Ti  To
;
T i  T i;w
0.369 0.082 0.03
T o ¼ 1.015T i0.579 T i;w
va qsw ;

gec ¼

DEcf ¼ V a DP ec ;
DP ec ¼

0.066
0.02389va2.032 qsw
.

ð26Þ
ð27Þ
ð28Þ
ð29Þ

2.2.6. Algorithm of staging condenser fans
For any given cooling capacity (Qcl), either the heat-rejection airﬂow (Va) or condensing temperature (Tcd) can be adjusted to meet the required heat-rejection (Qcd)
and optimize the trade-oﬀ between compressor power and condenserÕs fan-power.
According to HPC, Tcd is controlled at slightly below its set point (Tcdsp) of
45 °C, as shown in inequality (30). Inequality (31), derived from Inequality (30), describes the minimum required Va which serves to evaluate the number, and speed if
applicable, of the staged condenser-fans.
Qcd
þ T cdae < T cd 6 T cdsp ;
V a qa C pa
Qcd
< V a.
qa C pa ðT cdsp  T cdae Þ

T cdal ¼

ð30Þ
ð31Þ

For the existing condenser design with constant-speed fans, Va is related directly to
the number of staged condenser fans (Ncf), as shown in Eq. (32). After substituting
Eq. (32) into inequality (31), inequality (33) was established to present the correlation between Ncf and any given Tcdsp. The ﬂow chart in Fig. 1 shows the procedure
for evaluating Ncf and the power of the staged condenser-fans (Ecf).
Va ¼

V a;tot
N cf ;
N cf;tot

N cf;tot
Qcd
< N cf .

V a;tot qa C pa ðT cdsp  T cdae Þ

ð32Þ
ð33Þ

It is expected that the existing condenser design, with many groups of fans, will pose
problems in implementing variable-speed control. There are two major reasons for
this: ﬁrst, it will be diﬃcult to decide whether to reduce the number or speed of
the staged condenser fans if Va drops under part-load conditions. Secondly, it will
be diﬃcult to realize the actual power savings from the optimum trade-oﬀ between
the compressor power and condenserÕs fan-power if the fans are improperly staged
with inadequate rotating speed.
To tackle the diﬃculties, a new design was proposed for the condenser with which
one variable-speed fan was employed for each refrigeration circuit. Given that the
chiller studied had four refrigeration circuits, the condenser model contained a total
of four variable-speed fans, each of which consumed the rated power of 5.5 kW and
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Qcd from condenser model

INPUTS Tcdae, Tcdsp

N cf

N cf,tot

Integer
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V a,tot

a

C pa

.

Ncf <= 4i?
(i = 1)

Qcd
(Tcdsp Tcdae )

Y

N
i = i+1
Max (i) = 5
Ncf = 4i

Va

V a,tot
N cf,tot

N cf

Ecf = NcfEcf,ea
Return to condenser model
Fig. 1. Procedure for determining the number and power of the staged condenser fans with constant
speed.

provided the rated airﬂow of 23.6 m3 s1 at the full speed of 15.8 rps. The condenser
fans could operate down to 10% of full speed to give a minimum airﬂow of 2.36 m3
s1. It was assumed that the variable-speed drive consumed 3% of the total power of
the staged condenser fans at all speeds.
According to the fan law, the fan speed is directly proportional the fan airﬂow
and the fan power is directly proportional to the fan-speed cubed. Eqs. (34) and
(35) were derived from this law and used to calculate the rotating speed of each
staged condenser-fan (Rcf) and the total power of the staged condenser-fans (Ecf).
It was assumed that all the staged condenser fans operated at the same speed and
the same airﬂow. One more condenser fan would be staged if the condenser fans
staged at full speed were not able to produce the required Va. When more condenser
fans were staged, the heat-transfer area of the condenser could be enhanced and each
fan consumed less power at a reduced speed.
The temperature of air entering the condenser (Tcdae) depended on Va since the
temperature of the air leaving the pre-cooler (To) is a function of Va along with
any combination of the dry-bulb and wet-bulb temperatures (Ti and Ti,w) of the out-
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INPUTS Ti, Ti,w and Tcdsp

Va

Qcd from condenser model

V
Qcd
and Tcdae 1.015Ti 0.579Ti,w0.369 a
Aec
a Cpa (Tcdsp Tcdae)

Va < Va,tot?

N

Y

0.082

qsw-0.03

Va = Va,tot
Ncf = Ncf,tot
Rcf = Rcfr

Ncf = Ncc
N
Ncf =
Integer(Va/Var)+1

Ecf

N cf Ecf,ea

Va
Ncf Var

Va <= Ncf Var?

Y
Rcf

Rcfr

and

Ecf

Va
N cf Var

3

Va 0.02389

Va
Aec

2.032

qsw 0.066

Return to condenser model
Fig. 2. Procedure for evaluating the number, speed and power of staged condenser-fans.

door air. Regarding this, NewtonÕs method was applied to solve Va and Tcdae. The
variables and additional fan-power (DEcf) associated with the evaporative pre-cooler
were then computed with the calculated Va and Tcdae. In the calculation of chiller
power (Ech), DEcf was considered along with Ecc and Ecf. Fig. 2 shows the procedure
for calculating Ncf, Rcf, Ecf and DEcf
Va
;
N cf V ar

3
Va
Ecf ¼ N cf Ecf;ea
.
N cf V ar

Rcf ¼ Rcfr

ð34Þ
ð35Þ

3. Evaluation of operating variables
The ﬂow charts in Fig. 3 show the procedure for evaluating the operating variables of the chiller components. The evaporator component was computed from
the variables (Tchwr, AUev and LMTDev) based on the inputs: the PLR, chilled-water
ﬂow (mw), temperature of supply chilled-water (Tchws) and degree of superheat
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INPUTS PLR, Tcdae*, Tchws, mw, Tevsh, Tcdsc, Tcdsp, Ti,w#
Start of
evaporator
model
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compressor
model

ITER=0, Tcdo=50
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Calculate Tchwr, AU ev, LMTDev

Calculate Pcd, h3
Calculate Tev, Pev
Calculate CR, win,

Calculate h1, vr, h1’, v1’
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valve model
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Calculate qrf, mr,tot
Start of
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Calculate Qcd
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Calculate Tcdal
Y

Tcd,max < Tcdal ?

Calculate Va, Ncf, Ecf for existing
condenser design (see Fig. 1) OR
Calculate Va, Tcdae, Ncf, Rcf, Ecf, Ecf
for new condenser design (see Fig. 2)

N
Calculate AU cd , LMTDcd
Calculate Tcd

Ncf = Ncf + 4 for constant speed fans

Tcd < Tcdo ?

N

Y
|Tcdo - Tcd| < 0.005?

N
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ITER=ITER+1
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Evaluation of Tcdsp,op
under new condenser
design
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Y Ech,min = Ech
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N
Tcdsp = Tcdsp,op
END
*
. Tcdae is a direct input variable under existing condenser design or a calculated variable based on
Ti and Ti,w under new condenser design.
#
. The wet-bulb temperature of outdoor air is considered for the new condenser design only.
The dotted arrows represent the links between different chiller component models.

Fig. 3. Procedure for determining the operating variables of the model chiller.
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(Tevsh). Then the outputs, evaporating temperature (Tev) and pressure (Pev), and
refrigerant properties at compressor suction (h1 and vr) were calculated. Given that
the condensing temperature (Tcd) linked the compressor and condenser components,
the operating variables of the two components had to be solved altogether at a speciﬁc accuracy through an iterative procedure. This started with an initial condensing
temperature (Tcdo) of 52 °C in the compressor component (the case: ITER = 0).
Using Eqs. (8)–(19), the variables within the compressor and expansion valve components were determined directly. The inputs to the condenser component consisted
of outdoor temperature (Tcdae), compressor power (Ecc) and outputs of the evaporator and expansion components (Qcl and mr,tot). When the evaporative pre-cooler was
used, the wet-bulb temperature of the outdoor air (Ti,w) constituted another input to
the condenser component. Heat rejection (Qcd) and all other variables could then be
solved by the equations of the condenser component.
When the simulation was carried out on the chiller operating under HPC, the
number of staged condenser-fans (Ncf) and the corresponding airﬂow (Va) were computed according to a ﬁxed Tcdsp of 45 °C. There were three logical arguments in the
ﬂow chart of the condenser model to ensure the reliability of all the calculated variables. In the ﬁrst argument, if the temperature of air leaving the condenser (Tcdal)
solved by Eq. (22) exceeded the maximum condensing temperature (Tcd,max) of
52 °C, one more group of condenser fans would be added to raise the airﬂow and to
reduce the condensing temperature subsequently calculated to below 52 °C. In the
second argument, if the condensing temperature calculated in the condenser component was greater than that calculated previously in the compressor component, one
more fan group would be staged to bring it to its set point. In the third argument, if
the diﬀerence between the condensing temperature and its previous value lay within
±0.005 °C, all variables would be solved in equilibrium; otherwise the next value of
the condensing temperature would substitute for its previous one to perform the next
iteration until the required accuracy was met.
When the new condenser design, with an evaporative pre-cooler and variablespeed fans were present, one more logical argument was included in the condenser
component to determine the optimum Tcdsp (Tcdsp,op) for maximum chiller COP.
This argument checked the change in chiller power when Tcdsp increased in steps
of 0.005 °C from its boundaries of 20–45 °C. The lower boundary is intended for
ensuring proper oil-viscosity for compressor lubrication [6] and the upper boundary
is based on HPC. For each operating condition, the minimum chiller power along
with the optimum Tcdsp were able to be identiﬁed when the change in chiller power
varied from a negative value to a positive value.

4. Results and discussion
4.1. Validation of the chiller model
The measured data used for validating the chiller model came from a ﬁeld chiller
operating under HPC. These data belonged to the COP of the ﬁeld chiller in the
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steady state at various outdoor temperatures (Tcdae: 15–34 °C) and part-load ratios
(PLR: 0.25–1). Each set of inputs of the chiller model contained a certain combination of Tcdae and PLR, and around 50 discrete combinations were selected for the
validation. For HPC, the set-point condensing temperature (Tcdsp) was ﬁxed at
45 °C, irrespective of the chiller load or outdoor temperature. For all combinations
of Tcdae and PLR, the inputs (mw, Tchws, Tcdsc and Tevsh) were regarded as constants
as speciﬁed in Section 2.1. Fig. 4 illustrates that the modelled results of the chillerÕs
COP agreed well with the corresponding measured data. For 86% of data points, the
uncertainty of the chillerÕs COP was less than 10%, and for half of these the uncertainty was even within ±5%. With this good agreement, it is justiﬁable to use the chiller model to investigate how the new condenser design helps improve the chillerÕs
COP in various operating conditions.
4.2. Optimum set-point condensing temperature with the new condenser design
When the evaporative pre-cooler and variable-speed fans were used, the dry-bulb
and wet-bulb temperatures (Ti and Ti,w) of the outdoor air constituted as inputs to
the chiller model. Table 2 summarizes the Ti and Ti,w used in the simulation analysis.
Each weather condition refers to a combination of Ti and Ti,w which complied with
the pre-coolerÕs requirement that (Ti  Ti,w)/Ti should be between 0.15 and 0.45. The
chiller operated at each PLR under these weather conditions.
4.0

Modelled chiller COP

+5%
3.5
-5%

3.0

2.5

2.0
2.0

2.5

3.0

3.5

4.0

Measured chiller COP
Fig. 4. Comparison between the modelled and measured data of the chiller coeﬃcient of performance
(COP).
Table 2
Combinations of the dry-bulb and wet-bulb temperatures (Ti and Ti,w) of outdoor air for inputs into the
chiller model
Dry-bulb temperature Ti (°C)

Wet-bulb temperatures Ti,w (°C)

Relative humidity range (%)

15
20
25
30

8.25
11
13.75
16.5

38–78
31–74
25–72
23–70

9.75
13
16.25
19.5

11.25
15
18.75
22.5

12.75
17
21.25
25.5
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For each operating condition, it is possible to identify the optimum set-point condensing temperature (Tcdsp,op) at somewhere between 20 and 45 °C. Fig. 5 shows how
Tcdsp,op varied under diﬀerent operating conditions. Tcdsp,op generally increased with
Ti,w and chiller part-load ratios. When the outdoor temperature was 20 °C or below,
Tcdsp,op tended to oscillate at lower chiller-loads. At these chiller loads, a slight variation in Tcdsp made no appreciable change on the heat-rejection airﬂow, but could alter the number of staged condenser fans, which in turn resulted in large ﬂuctuations in
their rotating speed and power. It is conﬁrmed that maintaining a ﬁxed Tcdsp of 45 °C
under HPC cannot bring about an optimum trade-oﬀ between compressor power and
condenser fan-power. With a high and ﬁxed Tcdsp, the potential decrease in the compressor power is ignored, though the condenser fan power tends to be minimal.
With the evaporative pre-cooler, Tcdsp depended on the wet-bulb temperature of
the outdoor air (Ti,w) rather than the dry-bulb one (Ti). This is because the extent to
which Ti,w diﬀers from Ti inﬂuences the pre-cooler eﬀectiveness in reducing the temperature of air entering the condenser (Tcdae). Given this situation, Tcdsp,op can be set
at below Ti in many operating conditions. The lower boundary of Tcdsp can drop to
as low as (Ti,w + 2.3) °C, while that of Tcdsp should be at least (Ti + 5) °C under the
existing condenser design [6,7]. Tcdsp,op can be achieved by adjusting Tcdsp based on
b
o

Optimum set-point

23

Wet-bulb temperature ( C)
8.25
9.75
11.25
12.75

21

19
0.0

30

condensing temperature (oC)

25

condensing temperature (oC)

Optimum set-point

a

o

Wet-bulb temperature ( C)
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13
15
17

28
26
24
22
20

0.2

0.4

0.6

0.8

1.0

0.0

0.2

Chiller part-load ratio

d
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Wet-bulb temperature ( C)
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13.75
16.25
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0.4

0.6

0.8

1.0

0.8

1.0

Chiller part-load ratio
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0.4
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0.8
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0.0
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0.4
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Fig. 5. Optimum set points of condensing temperature at diﬀerent combinations of dry-bulb and wet-bulb
temperatures of outdoor air: (a) outdoor temperature = 15 °C; (b) outdoor temperature = 20 °C; (c)
outdoor temperature = 25 °C; (d) outdoor temperature = 30 °C.
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any given PLR and Ti,w. It is envisaged that such adjustment in the set-point condensing temperature is applicable to maximizing the COP of large chiller systems
with evaporative condensers. This is because the speciﬁcation of the eﬀectiveness
of evaporative condensers is based on the wet-bulb temperature of the outdoor air.
Some researchers [25,26] opined that Tcdsp,op should be adjusted in response to the
wet-bulb temperature of the outdoor air alone – which is independent of the chillerÕs
load – in order to enhance the performance of chillers with evaporative condensers.
This seems to contradict the present ﬁnding that Tcdsp,op should exceed Ti,w by 2.3–
18.0 °C, depending on the chiller part-load ratios of 0.083–1. As Chan and Yu [6]
state, reducing the condensing temperature to its lower boundary is a possible means
to achieve an optimum trade-oﬀ between compressor power and condenser fanpower when constant-speed condenser fans are considered. For the new condenser
design, with variable-speed fans, their power consumption drops considerably at
lower speeds. This can inﬂuence the trade-oﬀ between compressor power and condenser fan-power under diﬀerent chiller-load conditions. Tcdsp,op needs to increase
with the chiller load when the increase in compressor power can be more than oﬀset
by the power saving of condenser fans at lower speed. The increasing Tcdsp,op signals
how the speed of the staged condenser fans can drop to meet the required heat rejection while maximum chiller COP is achieved. The staging and speed of the condenser
fans will change from time-to-time in response to the varying set-point condensing
temperature.
All these ﬁndings suggest that a more sophisticated control algorithm for the
adjustment in Tcdsp should be included in chillerÕs microprocessors in order to
achieve the improved chiller COP with the new condenser design and condenser
fan operation.
4.3. Improved chiller COP under the new condenser design
It is worth investigating the improved COP with the optimum Tcdsp under the new
condenser design and condenser-fan operation. Fig. 6 gives a comparison between
the COP under the traditional condenser design with HPC and that under the new
condenser design with Tcdsp,op. Under HPC with constant-speed condenser fans,
the heat-rejection airﬂow varied in a discontinuous manner, causing a ﬂuctuation
in the chillerÕs COP across the entire range of part-load ratios, especially when the
outdoor temperature was low. The troughs in the chillerÕs COP resulted from a situation where the condensing temperature hovered well above its set point because
the airﬂow supplied deviated from the minimum airﬂow required.
Under the new condenser design, the continuous modulation of the heat-rejection
airﬂow enabled the condensing temperature to be controlled close to its set point.
The chillerÕs COP could rise almost linearly with PLR. With the use of the pre-cooler, the chillerÕs COP could be improved further when the outdoor air was dry with a
large diﬀerence between the dry-bulb and wet-bulb temperatures. Considering that
the control of the condensing temperature is based on the wet-bulb temperature,
rather than the dry-bulb temperature, of outdoor air, the heat-rejection capacity
of the condenser can be enhanced throughout the entire range of chiller loads. Under
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Fig. 6. Improved chiller’s COP in various operating conditions at diﬀerent combinations of dry-bulb and
wet-bulb temperatures of outdoor air: (a) outdoor temperature = 15 °C; (b) outdoor temperature = 20 °C;
(c) outdoor temperature = 25 °C; (d) outdoor temperature = 30 °C.

these circumstances, a considerable improvement in the chillerÕs COP at full load
could occur. Due to the improved condenser design and condenser-fan operation,
there is a 5.6–113.4% increase in chiller COP, depending on the operating conditions.
Because of the lowering of the condensing temperature with the new condenser
design, the refrigeration eﬀect (qrf) and hence cooling capacity increased by 3.8–
28.2%. The increased cooling capacity could enable the staged compressors to operate at higher loads for a longer time, which, in turn, could alleviate their wear and
tear problem due to frequent on–oﬀ switching. Chillers with the increased cooling
capacity could carry higher loads with higher COPs more frequently when the chiller
sequencing is properly implemented in a multiple-chiller plant. This could result in a
further reduction in the electricity consumption of chillers.

5. Conclusions
This paper presents the potential improvements in the COP of air-cooled screwchillers, when their condensers are designed with evaporative pre-coolers and vari-
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able-speed fans. A thermodynamic model for an air-cooled screw chiller was developed and validated using chiller speciﬁcations and a wide range of operating data in
the steady state. Within the model, the condenser component considers empirical
equations which model the extent to which the temperature of the outdoor air entering the condenser can drop when an evaporative pre-cooler is used. The condenser
component also contains an algorithm to determine the number and speed of condenser fans staged at any given set-point condensing temperature. Using the validated model, the optimization of the set point condensing temperature for
maximum chiller COP was studied.
It is found that the optimum set-point condensing temperature is a function of
chiller load and the wet-bulb temperature of the outdoor air. This shows the possibility to use evaporative pre-coolers to further lower the condensing temperature in
order to save compressor power. This also highlights the dynamic interaction between the compressor power and the condenserÕs fan-power under various chiller
load conditions when variable speed fans are considered. Using the new condenser
design and condenser fan operation, there is a 5.6–113.4% increase in the chillerÕs
COP, depending on the chiller loads and weather conditions. Along with the improved chiller COP, cooling capacity can be enhanced by 3.8–28.2%, which enables
the chillers to operate at higher loads.
The chiller model will be useful in estimating the likely electricity savings of aircooled chillers with the improved condenser design when these chillers handle a
cooling-load proﬁle. Such estimation could help chiller manufacturers decide if a
new condenser design is a feasible investment for the development of more energyeﬃcient air-cooled chillers. It could also enable chiller purchasers to assess whether
the reduced electricity costs are worth the capital costs of the chillers with the improved COP. Based on the potential electricity-savings, energy planners could formulate relevant policies to foster the use of more energy-eﬃcient air-cooled chillers.
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